Abstract: Shock absorbers allow the damping of suspension vibrations, by dissipating kinetic energy. This energy theoretically can be harvested; however, practical solutions are not easily obtainable. This paper is dedicated to analyzing and evaluating the vibration energy in a vehicle's suspension that is generated by road excitations. Also, it estimates the possible amount of harvested energy required to diminish accelerations of the vehicle body, the driver, or the passenger center of mass. The control of damper is realized by optimizing the best damping coefficient for different road roughness. Analytical results, obtained from the proposed dynamic model of the car, were compared with experimental data, showing a good coherence between them. These results allow us to evaluate the amount of energy circulating within shock absorbers and give information about the amount of the possible harvested energy. There is a very good relationship between energy needed for control and gained energy.
Introduction
Energy harvesting and vibration control from large amplitude and low frequency vibrations is a promising research area [1] [2] [3] [4] [5] [6] [7] [8] [9] [10] [11] . Electromagnetic (EM) transducers are widely used for this purpose. Transducers can be coupled to a permanent-magnet synchronous machine [1] , or linear motion EM devices [2, 10] , which can be used for both vibration damping and energy harvesting. An energy harvesting-enabled tuned mass-damper-inerter system comprises a mass, grounded via an electromagnetic motor (energy harvester)-inerter layout [8] . An electromagnetic resonant shunt tuned mass-damper-inerter was proposed by Luo et al. [9] . This control device can help in minimizing structure damage and simultaneously harvest energy under random wind excitation [9] . Vibration control, together with energy harvesting, possibly could be realized, by using a vibration absorber, supplemented with a piezoelectric stack [4, 7] . However, such vibration control systems can be applied only to high vibration frequencies, since the output power at low frequencies becomes very small. Moreover, the piezoelectric energy harvester maximum generated power is in the range of milliwatts [12, 13] .
A vehicle's damping system control should comply with specific purposes, such as passenger riding comfort and the vehicle's handling quality improvement [14] [15] [16] [17] . A recent study demonstrated a significant enhancement in harvested power and the frequency bandwidth of a multimodal electromagnetic vibration energy harvester, consisting of arrays of coupled levitated magnets [18] , when the device is excited beyond its critical Duffing amplitude [19] . The automobile shock In this context, the main aim of this research is to propose a new damping system control method, with optimized damping coefficients, of which values are related to road roughness and to evaluate this optimized control effect for the amount of generated energy. The paper presents a new damping system control method and the possibility to apply such a system for energy harvesting. Our control method, presented here, and device, proposed in [14] , could be applied to the harvest of all types of vibration energy, including vibrations from earthquakes. However, at low frequency vibrations, which usually occur in buildings, the amount of harvested energy will be very low.
Materials and Methods
Experiments were performed by the car, Range Rover Evoque, on two roads-road no. 6 (coarsest) and road no. 3 (medium roughness)-with the driver, whose mass was 80 kg, but without passengers or baggage. Acceleration were measured by two accelerometers (damping coefficient 7500 Ns/m), placed in the car, Range Rover Evoque, as shown in Figure 1 . The speed of the car was 60 kph. Measurements were performed using industrial equipment, piezoelectric accelerometers (603C01 from PCB Piezotronics, Depew, NY, USA), and a data acquisition device (NI 4431 from National Instruments, Austin, TX, USA). Data were collected using the National Instruments Software Package, LabView 2015. In order to compare experimental and analytical data, the damping force was calculated from an experimentally-observed suspension position:
Energies 2017, 10, 1742 3 of 15 evaluate this optimized control effect for the amount of generated energy. The paper presents a new damping system control method and the possibility to apply such a system for energy harvesting. Our control method, presented here, and device, proposed in [14] , could be applied to the harvest of all types of vibration energy, including vibrations from earthquakes. However, at low frequency vibrations, which usually occur in buildings, the amount of harvested energy will be very low.
Experiments were performed by the car, Range Rover Evoque, on two roads-road no. 6 (coarsest) and road no. 3 (medium roughness)-with the driver, whose mass was 80 kg, but without passengers or baggage. Acceleration were measured by two accelerometers (damping coefficient 7500 Ns/m), placed in the car, Range Rover Evoque, as shown in Figure 1 . The speed of the car was 60 kph. Measurements were performed using industrial equipment, piezoelectric accelerometers (603C01 from PCB Piezotronics, Depew, NY, USA), and a data acquisition device (NI 4431 from National Instruments, Austin, TX, USA). Data were collected using the National Instruments Software Package, LabView 2015. In order to compare experimental and analytical data, the damping force was calculated from an experimentally-observed suspension position: The model was solved using MatLab version 2014b. The simulation took 1 min for each 1 s of real road. Equations were solved in Simulink, by means of the standard fourth order Runge-Kutta solver.
Mathematical Model

Dynamic Model of the Vehicle
The model of the car body included ten masses and two moments of inertia. Other masses and moments of the car are reduced by joining them with respect to the transfer ratio of the suspension levers. The model also included four passengers' masses and the mass in the baggage box, as presented in Figure 2 . The masses of the tires and the rims were included into suspension masses; they have independent coordinates. In the proposed model, the car frame is regarded as a rigid body and is here named the system, as the stiffness of it is a few orders of magnitudes higher than the suspension stiffness. The movement of the system is described with the coordinate of the vertical axis, Z, and the rotation angles, φx and φy, about the axes, X and Y, respectively. The origin is considered to coincide with the stiffness center in the plane of the suspension springs of the upper point. In general, the center of gravity does not coincide with the center of stiffness. Coordinates of the center of gravity with respect to the center of stiffness are denoted as xs, ys and zs. The model was solved using MatLab version 2014b. The simulation took 1 min for each 1 s of real road. Equations were solved in Simulink, by means of the standard fourth order Runge-Kutta solver.
Mathematical Model
Dynamic Model of the Vehicle
The model of the car body included ten masses and two moments of inertia. Other masses and moments of the car are reduced by joining them with respect to the transfer ratio of the suspension levers. The model also included four passengers' masses and the mass in the baggage box, as presented in Figure 2 . The masses of the tires and the rims were included into suspension masses; they have independent coordinates. In the proposed model, the car frame is regarded as a rigid body and is here named the system, as the stiffness of it is a few orders of magnitudes higher than the suspension stiffness. The movement X and Y-coordinates of horizontal axes; φx and φy are the rotation angles about the axes X and Y, respectively; xs, ys and zs-coordinates of CG with respect to the center of stiffness; z1, z2, z3, z4-the coordinates of vertical movements of wheels; z5, z6, z7, z8-auxiliary coordinates at the shock absorbers' points, z9, z10, z11, z12-the points of seat contact with the passengers' bodies and z17-the point of the luggage compartment; z13 … z16-coordinates of the center of masses of the driver and three passengers, respectively, z18-coordinate of center of mass of baggage in the baggage box; Mmass of the car; Jx and Jy-the moments of inertia about the respective axis; Jxy-the mixed moment; ksF-stiffness coefficients of the front wheel suspension of individual elastic elements; ksR-stiffness coefficients of the rear wheel suspension of individual elastic elements; hsF1, hsF2, hsR1, hsR2-the damping coefficients; mwF and mwR-the suspension mass and the rear mass; ksF and ksR-the front and the rear wheel tires spring elements coefficients of stiffness, respectively; hsF and hsR-the coefficients of damping for the front and the rear wheel, respectively; m1, m2, m3, m4, mw-masses, kuz1, kuz2, kuz3, kuz4, kg-coefficients of stiffness, and huz1, huz2, huz3, huz4, hg-damping coefficients of the driver, three passengers and load in the baggage box, respectively; L1, ..., L14-distances; η1, η2, η3, η4-coordinates, at which the dynamic system (the car) was excited kinematically.
In the model, the parameters of the car body were: the mass of the car (M), the moments of inertia about the respective axis (Jx and Jy), and the mixed moment (Jxy). Displacements in X and Y axes and rotations about the Z axis were ignored, because only the main affecting vibrations in the vertical direction to the human body were evaluated. The suspension was modelled with elastic damping elements. It was considered that the elastic stiffness of the elements was linear.
Stiffness coefficients of the front wheel suspension of individual elastic elements are denoted as ksF. Stiffness coefficients of the rear wheel suspension of individual elastic elements are denoted as ksR. Figure 2 . Dynamic model of the car body. CG-center of gravity; Z-coordinate of the vertical axis; X and Y-coordinates of horizontal axes; ϕ x and ϕ y are the rotation angles about the axes X and Y, respectively; x s , y s and z s -coordinates of CG with respect to the center of stiffness; z 1 , z 2 , z 3 , z 4 -the coordinates of vertical movements of wheels; z 5 , z 6 , z 7 , z 8 -auxiliary coordinates at the shock absorbers' points, z 9 , z 10 , z 11 , z 12 -the points of seat contact with the passengers' bodies and z 17 -the point of the luggage compartment; z 13 . . . z 16 -coordinates of the center of masses of the driver and three passengers, respectively, z 18 -coordinate of center of mass of baggage in the baggage box; M-mass of the car; J x and J y -the moments of inertia about the respective axis; J xy -the mixed moment; k sF -stiffness coefficients of the front wheel suspension of individual elastic elements; k sR -stiffness coefficients of the rear wheel suspension of individual elastic elements; h sF1 , h sF2 , h sR1 , h sR2 -the damping coefficients; m wF and m wR -the suspension mass and the rear mass; k sF and k sR -the front and the rear wheel tires spring elements coefficients of stiffness, respectively; h sF and h sR -the coefficients of damping for the front and the rear wheel, respectively; m 1 , m 2 , m 3 , m 4 , m w -masses, k uz1 , k uz2 , k uz3 , k uz4 , k g -coefficients of stiffness, and h uz1 , h uz2 , h uz3 , h uz4 , h g -damping coefficients of the driver, three passengers and load in the baggage box, respectively; L 1 , ..., L 14 -distances; η 1 , η 2 , η 3 , η 4 -coordinates, at which the dynamic system (the car) was excited kinematically.
In the model, the parameters of the car body were: the mass of the car (M), the moments of inertia about the respective axis (J x and J y ), and the mixed moment (J xy ). Displacements in X and Y axes and rotations about the Z axis were ignored, because only the main affecting vibrations in the vertical direction to the human body were evaluated. The suspension was modelled with elastic damping elements. It was considered that the elastic stiffness of the elements was linear.
Stiffness coefficients of the front wheel suspension of individual elastic elements are denoted as k sF . Stiffness coefficients of the rear wheel suspension of individual elastic elements are denoted as k sR .
Suspension shock absorbers here were modelled as nonlinear damping elements. The damping coefficients, h sF1 , h sF2 , h sR1 , h sR2 , depended on the velocity of vertical wheel movement caused by the roughness of the road. Here, the presented model evaluates only vertical movements of wheels, represented by the coordinates, z 1 , z 2 , z 3 , z 4 . In the model, the weight of the hub was evaluated as the sum of the masses of the tire, rim, axle, bearing and support. Suspension parts, which were connected to the lower suspension spring points were added to the reduced wheel masses, as unsuspended masses (m wF ). It was assumed that the suspension mass (m wF ) and the rear mass (m wR ) were included in the front wheel mass. It was also assumed that the tire of the vehicle is modelled as a spring with a damper. The front wheel tire spring element coefficient of stiffness was marked as k sF , for the rear wheel (k sR ). The coefficients of damping are marked h sF and h sR , respectively.
The driver, three passengers and load in the baggage box were modelled as masses, m 1 , m 2 , m 3 , m 4 , m w , mounted on the stiffness elements, k uz1 , k uz2 , k uz3 , k uz4 and k g , with dampers, h uz1 , h uz2 , h uz3 , h uz4 and h g , respectively.
Stiffness elements were applied to the vehicle body by distances, L 1 , ..., L 14 . The dynamic system (the car) was excited kinematically along the coordinates, η 1 , η 2 , η 3 , η 4 . In this case, the principle of relativity to the car body admits that the car is staying immobile in the horizontal plan and the road is moving.
The status of the dynamic behavior of the vehicle was defined by twelve generalized coordinates-Z, ϕ x , ϕ y , z 1 , z 2 , z 3 , z 4 , z 13 , z 14 , z 15 , z 16 , z 18 . For the purpose of better visualization and to build general equations, there were also some defined auxiliary coordinates: the shock absorbers' points (z 5 , z 6 , z 7 , z 8 ), the points of seat contact with the passengers' bodies (z 9 , z 10 , z 11 , z 12 ) and the point of the luggage compartment (z 17 ).
All coefficients of stiffness (k sF , k sR ), distances (L 1 , ..., L 4 ), coordinates of center of gravity (x s , y s , z s ), masses (M i , m wF , m wR ) and moments of inertia (J x , J y , J xy ) were available from real Range Rover Evoque car data ( Table 1) .
Interactions of the driver (passenger) with the seat were represented by coefficients of stiffness (u z1 , k uz2 , k uz3 , k uz4 ) and coefficients of damping (h uz1 , h uz2 , h uz3 , h uz4 ).
The model also included the mass of the load (m w ), the coefficient of stiffness between the load and the car body (k g ) and the coefficient of damping (h g ). The behavior of the system was studied by Lagrange's equation of the second kind:
where T and Π are the kinetic and potential energies of the system, respectively; Φ is the function of dissipation; q i and . q i are thegeneralized coordinate and its derivative, with respect to time (t); F i (t) is the external generalized force, acting along the generalized coordinate, q i .
As the system was excited only kinematically, external forces were neglected and Equation (2) became a homogenous one.
In the dynamic model, the center of stiffness and the gravity center do not coincide; therefore, the functions of energies were:
Kinetic energy: Potential energy:
where:
where ∆ij is the linear elastic relative displacement (elongation) of the spring. The function of dissipation is:
..
where . ∆ij is the generalized velocity of deformation, .. ∆ij is the generalized acceleration of deformation. The nonlinear damping coefficients, h sF1 , h sF2 , h sR1 , h sR2 , in Equation (5), are functions of corresponding generalized coordinates. The final system of equations is:
where a, b, c, d, d* (with corresponding indexes) are constants; q i is the generalized coordinates and n is the number of generalized coordinates. The coefficients b ij , are the sums of coefficients for the linear and nonlinear parts of equations:
Equation (5) was solved in respect to the second derivative of the generalized coordinate, .. q i . All nonlinear elements of the model were separated into nonlinear groups.
The solution of the equation was performed with Simulink software (Figure 3 (Figure 3) . The model consists of a linear part, presented by the block of general equations and a nonlinear part, represented by the block of nonlinear coefficients (Figure 3) . The inputs to this model were the four coordinates from road roughness, acting in the model as kinematic excitation (η1, η2, η3 and η4). The output of the model was the dynamic response of the system, as coordinates, Z, φx, φy (coordinates of the plate, representing car body itself), z1 … z4 (coordinates of the wheel hub), z13 … z16 (coordinates of the center of masses of the driver and three passengers, respectively), z18 (coordinate of center of mass of baggage in the baggage box). There were also some auxiliary coordinates, which were used to build the model. They had no influence on the dynamic behavior of the system. The model consists of a linear part, presented by the block of general equations and a nonlinear part, represented by the block of nonlinear coefficients (Figure 3) . The inputs to this model were the four coordinates from road roughness, acting in the model as kinematic excitation (η 1 , η 2 , η 3 and η 4 ). The output of the model was the dynamic response of the system, as coordinates, Z, ϕ x , ϕ y (coordinates of the plate, representing car body itself), z 1 . . . z 4 (coordinates of the wheel hub), z 13 . . . z 16 (coordinates of the center of masses of the driver and three passengers, respectively), z 18 (coordinate of center of mass of baggage in the baggage box). There were also some auxiliary coordinates, which were used to build the model. They had no influence on the dynamic behavior of the system.
Damping Law Optimization
The damping coefficient value is constant in common suspension vibration control systems. However, when kinematic excitation characteristics are changing, and the mass of the car (due to passengers or baggage) is changing, permanent damping becomes sub-optimal for all cases. To ensure the comfort of passengers for any case of mass presented in a car, the dependencies of damped and non-damped masses velocities on vibration velocity, should be known. From the theory of vibrations, it is known that the value of the damping coefficient, when the vibration energy is non-permanent, is a function of the vibration speed. The simplest and most logical function is polynomial, in which the damping coefficient depends on the vibration velocity and acceleration. As expected, such damping coefficients show much better results from the model, than permanent damping coefficients. Therefore, the damping coefficient was evaluated by second order polynomial. A higher-order polynomial was not applied, because the coefficient, P 3 , appeared to be close to zero in the early modelling results. Therefore, the damping law was optimized, using a second order polynomial: Parameter P 0 was changed a little, using data from the manufacturer (constant damping coefficient was h SF1 = 7500 Ns/m). Using this value, the resulting damping force (F LF ) and the acceleration of the driver's body in the car (Z 13 ) were calculated, and the optimal value of P 0 (when F LF is highest, and Z 13 is lowest) was observed. The coefficient, P 1 , was found in the same way; however, in this case, the P 0 value was constant. The coefficient, P 2 , was calculated with constant P 0 and P 1 values, which were determined as optimal.
Results and Discussion
Experimental Results
To generate the data for the model input, the experiments on roads of different roughness were performed (Figure 4) . Road no. 6 showed displacement changes in the range of ±50 mm and road no. 3 showed displacement changes in the range of ±25 mm.
damping coefficient depends on the vibration velocity and acceleration. As expected, such damping coefficients show much better results from the model, than permanent damping coefficients. Therefore, the damping coefficient was evaluated by second order polynomial. A higher-order polynomial was not applied, because the coefficient, P3, appeared to be close to zero in the early modelling results. Therefore, the damping law was optimized, using a second order polynomial:
Damping coefficients, hsF2, hsR1, hsR2, were equal to hsF1.
Parameter P0 was changed a little, using data from the manufacturer (constant damping coefficient was hSF1 = 7500 Ns/m). Using this value, the resulting damping force (FLF) and the acceleration of the driver's body in the car (Z13) were calculated, and the optimal value of P0 (when FLF is highest, and Z13 is lowest) was observed. The coefficient, P1, was found in the same way; however, in this case, the P0 value was constant. The coefficient, P2, was calculated with constant P0 and P1 values, which were determined as optimal.
Results and Discussion
Experimental Results
To generate the data for the model input, the experiments on roads of different roughness were performed (Figure 4) . Road no. 6 showed displacement changes in the range of ±50 mm and road no. 3 showed displacement changes in the range of ±25 mm. The experimental results ( Figure 4 ) were compared with those of the theoretical model in Figure  5 . The damping force from the measured suspension position, while driving at a speed of 60 kph on road no. 3, was calculated by Equation (1) . The value of the damping coefficient in the model was the 
Theoretical Results
Numerical simulations were performed using the parameter values, revealed in Table 1 . In the simulation, passengers and baggage were eliminated, to get correct results that coincided with experimental research. Experiments were performed without passengers and baggage box masses, thus, the results from the model and experiments were comparable. It is possible to evaluate 
Numerical simulations were performed using the parameter values, revealed in Table 1 . In the simulation, passengers and baggage were eliminated, to get correct results that coincided with experimental research. Experiments were performed without passengers and baggage box masses, thus, the results from the model and experiments were comparable. It is possible to evaluate passengers and baggage box masses, if needed. Table 1 . Simulation parameters.
Definition, Units
Value Comments h g , Ns/m 2064 coefficient of damping of the load in the baggage box h SF1 , Ns/m 7500 constant or calculated by Equation (7). h SF2 , Ns/m 7500 constant or calculated by Equation (7). h SR1 , Ns/m 7500 constant or calculated by Equation (7). h SR2 , Ns/m 7500 constant or calculated by Equation (7). Experimentally observed road profiles were used as model inputs ( Figure 5) . Results of the analysis were evaluated by two parameters: signal extremities and RMS over time. The peaks are important for evaluating the maximum possible impacts to the vehicle suspension system. The level of vibration or dominating force were evaluated by RMS values. The damping power for each road was calculated with both constant damping coefficients (h SF1 = 7500 Ns/m) and optimized by Equation (7). The calculated damping power for road no. 6 is shown in Figure 6 . The optimized damping law gave the possibility of harvesting more power from vibration-the power RMS with optimized damping law was 407.5 W, while permanent damping gave 301.3 W of power. When the roughness was lower (road no. 3), the optimized damping law had a lesser influence on damping power (Figure 7 ): permanent damping gave 218.7 W, while optimized damping law gave 284.4 W. The higher damping power meant that more energy could be harvested from the shock absorber, therefore, from comparing the results of common and optimized damping controls, we can conclude that our method is effective even on roads with low levels of roughness. . Cassidy et al proposed an electromechanical transducer, which generated over 100 W of power [45] . Our device simulated power was higher by several fold (from 15 (at 19 W) to 2.84-fold (at 100 W)). However, comparing the damping power observed using different devices is not appropriate; authors designed their own damper-harvester systems with different control conceptions and different designs. Experiments were performed on different road roughness and at different speeds. Therefore, we can only compare results which show improvement using the same device control as in the current study-we observed 26% more power on roads with high roughness, and 23% more power on medium roughness roads, when the optimized control law was applied.
The coefficients of damping dependencies, over time, for roads of different roughness, with optimized damping laws, are shown in Figure 8 . The damping system adapts to the road roughness and creates more comfort for passengers. At the same time, the energy dissipated in the damper, could be more accurately harvested than in classical energy harvesters. Compared to research by Tang et al., where the damping coefficient was observed as 1680-2142 Ns/m [43] , which is in good agreement with our research. The coefficients of damping dependencies, over time, for roads of different roughness, with optimized damping laws, are shown in Figure 8 . The damping system adapts to the road roughness and creates more comfort for passengers. At the same time, the energy dissipated in the damper, could be more accurately harvested than in classical energy harvesters. Compared to research by Tang et al., where the damping coefficient was observed as 1680-2142 Ns/m [43] , which is in good agreement with our research. The damping force was calculated for each road with different roughness and different damping laws. It was found that for road no. 6, with permanent damping, the force RMS value was 301.5 N, while the optimized law RMS value was 410 N ( Figure 9 ). For road no. 3, permanent damping gave a force of 218.9 N, while optimized damping gave 284.05 N (Figure 10) . The results were similar to the harvested power: the optimized damping law had more influence on road no. 6, which was coarser than road no. 3. Chen et al observed damping forces in the range of −600 to 600 N [46] , while Cassidy et al observed quite a high maximal force of 1 kN [45] . Our forces were calculated in RMS; therefore, they were a little bit lower compared to those measured by other authors. However, our maximal forces were in agreement with other research. The damping force was calculated for each road with different roughness and different damping laws. It was found that for road no. 6, with permanent damping, the force RMS value was 301.5 N, while the optimized law RMS value was 410 N ( Figure 9 ). For road no. 3, permanent damping gave a force of 218.9 N, while optimized damping gave 284.05 N (Figure 10) . The results were similar to the harvested power: the optimized damping law had more influence on road no. 6, which was coarser than road no. 3. Chen et al. observed damping forces in the range of −600 to 600 N [46] , while Cassidy et al. observed quite a high maximal force of 1 kN [45] . Our forces were calculated in RMS; therefore, they were a little bit lower compared to those measured by other authors. However, our maximal forces were in agreement with other research. a force of 218.9 N, while optimized damping gave 284.05 N (Figure 10) . The results were similar to the harvested power: the optimized damping law had more influence on road no. 6, which was coarser than road no. 3. Chen et al observed damping forces in the range of −600 to 600 N [46] , while Cassidy et al observed quite a high maximal force of 1 kN [45] . Our forces were calculated in RMS; therefore, they were a little bit lower compared to those measured by other authors. However, our maximal forces were in agreement with other research. 
Conclusions
Limitations in the common damping control system with constant damping coefficients, motivated us to propose a new method to control automobile suspension vibrations. The polynomial damping law allowed us to find the optimal damping coefficient, whose application to a suspension system resulted in diminished accelerations of the car body and an increased level of comfort for passengers. Also, the application of polynomial damping can increase a lifetime of the car and decrease the development of various defects in the car body and equipment. RMS values for accelerations on road no. 3 decreased by up to 20%, in comparison with classical shock absorbers. Controlled damping increased dissipated power of damped vibrations in a similar range. At a speed of 60 kph, the Range Rover Evoque could reach 400 W RMS for one shock absorber. This case was characterized by a very rough road; nevertheless, 200 W in vibrations is achievable for the majority of test cases. An increase in damping efficiency will significantly increase the load on suspension elements and consequently the damping power. Damping power can be a good diagnostic feature for damping efficiency. Different behaviors of shock absorbers, placed in the same car, can specify problems in the suspension. The damping coefficient change is assumed to be self-adjusted, so a rapid change in road conditions, such as an accidental bump, will be better treated. Our device simulated power was higher by several fold (from 15 (at 19 W) to 2.84 times (at 100 W)). Maximal forces were 
Limitations in the common damping control system with constant damping coefficients, motivated us to propose a new method to control automobile suspension vibrations. The polynomial damping law allowed us to find the optimal damping coefficient, whose application to a suspension system resulted in diminished accelerations of the car body and an increased level of comfort for passengers. Also, the application of polynomial damping can increase a lifetime of the car and decrease the development of various defects in the car body and equipment. RMS values for accelerations on road no. 3 decreased by up to 20%, in comparison with classical shock absorbers. Controlled damping increased dissipated power of damped vibrations in a similar range. At a speed of 60 kph, the Range Rover Evoque could reach 400 W RMS for one shock absorber. This case was characterized by a very rough road; nevertheless, 200 W in vibrations is achievable for the majority of test cases. An increase in damping efficiency will significantly increase the load on suspension elements and consequently the damping power. Damping power can be a good diagnostic feature for damping efficiency. Different behaviors of shock absorbers, placed in the same car, can specify problems in the suspension. The damping coefficient change is assumed to be self-adjusted, so a rapid change in road conditions, such as an accidental bump, will be better treated. Our device simulated power was higher by several fold (from 15 (at 19 W) to 2.84 times (at 100 W)). Maximal forces were in agreement with another author's research.
The estimated need for power is 12 W, which includes control of the shock absorber itself and the powering of data processing, and data transmitting units, which are usually used in automobiles. Therefore, our control method can be applied to harvest more energy than in common shock absorbers, and to power electronic devices.
